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Abstract. Plate-fin and tube heat exchangers (PFTHE) are made of round, elliptical, oval or flat tubes to which
continuous fins ( lamellas) are attached. Liquid flows inside the tubes and gas flows outside the tubes perpendicularly to
their axes and parallel to the surface of continuous fins. Experimental studies of multi-row plate-fin and tube heat
exchangers show that the highest average heat transfer coefficient on the air side occurs in the first row of tubes when the
air velocity in front of the exchanger is less than approximately 3.5 m/s when a Reynolds number based on an equivalent
hydraulic diameter equal to the distance between tube rows in the direction of air flow is less than 10,000. In the subsequent
rows of tubes up to about the fourth row the heat transfer coefficient decreases. In the fifth and further rows, it can, that the
heat transfer coefficient is equal in each tube row. It is necessary to find the relationships for the air-side Nusselt number
on each tube row to design a PFTHE with the appropriate number of tube rows. The air-side Nusselt number correlations
can be determined experimentally or by CFD modeling (Computational and Fluid Dynamics). The paper presents a new
mathematical model of the transient operation of PFTHE, considering that the Nusselt numbers on the air side of individual
tube rows are different. The heat transfer coefficient on an analyzed tube row was determined from the equality condition
of mass- average air temperature differences on a given tube row determined using the analytical formula and CFD
modeling. The results of numerical modeling were compared with the results of the experiments.

gas side is usually determined separately for a one-, two-,
three- or four-row exchanger. If the number of tube rows
in the heat exchanger is greater than four, it is assumed

1 Introduction

Plate-fin and tube heat exchangers (PFTHES) are
widely used in air conditioning, heating, and many
industries [1-4]. Inside the tubes, a liquid usually flows,
e.g.,, water, glycol solution, or oil, and outside
perpendicular to the tube axis air or exhaust gas or another
gas. PFTHEs are very widely used in practice. For this
reason, the number of books and articles in journals
concerning their design, mathematical modeling, and
experimental studies is very large. So far, both in the
calculation of heat exchangers and in experimental
studies, it has been assumed that the heat transfer
coefficient (correlation for Nusselt number) on the gas
side of each row of tubes is the same [1-4]. The
fundamental experimental study showing the influence of
the number of rows of tubes on the Colburn parameter for
the entire exchanger as well as for the individual rows of
tubes was performed by Rich [5]. The research carried out
by Saboya and Sparrow [6] using the technique of
naphthalene sublimation of for one-, two- and three-row
system with staggered tube configurations confirmed
Rich® observations. If the number of tube rows is less
than four, the correlation for the Nusselt number on the

that the addition of the fifth and further tube rows does not
affect the average heat transfer coefficient of the whole

heat exchanger [2-3,7]. Usually, the correlation j,_, for

the Colburn factor for a four-row heat exchanger is given,
assuming that it is also valid for heat exchangers with

more rows of tubes. The j, / j,_, correction for a heat

exchanger with a smaller number of tube rows, i.e., a
single, double or triple row heat exchanger, is a function
of the number of tube rows and the Reynolds number.

Correlations for the calculation of Colburn®factors j,_,

and j, were proposed for staggered tube alignment by

McQuiston [2-3] and Gray and Webb [3] based, in part,
on Rich®experimental results [5].

The literature review shows that for air velocities
before a PFTHE lower than 3.5 m/s, the first four rows of
tubes exchange higher heat flow rates compared to the
subsequent rows. The empirical heat transfer correlations
available in the literature permit the calculation of average
heat transfer coefficients for the entire heat exchanger
with different tube rows. However, there are no

© The Authors, published by EDP Sciences. This is an open access article distributed under the terms of the Creative Commons Attribution
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correlations for the calculation of the local air side Nusselt
numbers for the individual tube rows, especially for the
first six rows. The air-side heat transfer correlations can
be developed based on CFD modeling [8-12]. This paper
proposes a calculation method of PFTHESs based on the
air-side heat transfer correlations, obtained using CFD
simulations [12]. The method of determining CFD based
correlations should be compatible with the procedure of
determining empirical heat transfer correlations, to ensure
that the results of PFTHES calculations are consistent with
the results of measurements. Semi-empirical relationships
developed by Taler [13-16] were used to calculate the heat
transfer coefficients on the internal surfaces of tubes in the
transition and turbulent flow regime. The formulas
proposed by Gnielinski [17] were used to calculate the
heat transfer coefficient in the laminar flow regime. By
using reliable CFD correlations to calculate air-side heat
transfer coefficients and semi-empirical relationships to
calculate heat transfer coefficients on the internal surfaces
of tubes, the experimental studies required can be
significantly reduced, especially for PFTHES with new
design, e.g. made of tubes with different cross-section
shapes or with different designs of continuous fins on the
air-side. The PFTHEs numerical models can also take into
account different heat transfer coefficients on the air side
of each tube row. The method of modeling PFTHES in
steady-state and transient states proposed in the paper
together with the method of determining the air-side heat
transfer correlations proposed in [12] will significantly
reduce the cost and shorten the time of implementation of
PFTHESs with new construction and flow system.

2 Mathematical formulation

The basis for the development of the mathematical
model of the PFTHE is the set of energy conservation
equations for water flowing through tubes, tube walls with
fins, and for air flowing perpendicularly to the tube axes
(Fig. 1) [18-19]. Due to the low thermal capacity of the
air, the time derivative from the air temperature was
omitted, i.e., the temperature distribution in the direction
of its flow (in the y-axis direction) was determined from
the solution of the steady-state energy conservation
equation. The set of partial differential equations
describing the space and time variations of water T7,,, tube
wall T}, and air T, temperatures are

1 o1, 0T, _

—_— —(T -T 1
NTU, 0x" " ot (T.-7) @
orT oT h U
T+, A+ =———T +
ot ot h U, +hU,,
WU ~ (2)
0 out T;l
hw U[n + ho Uou/
L 9 7o, (3)
NTU, oy”

where 7, denotes the mean air temperature over the row
thickness, defined as

1
=] () @
0

The numbers of heat transfer units NTU, and NTU, are

defined as follows

h, 4 h, 4
NTUH/ = -w’ - NTU(I = .U _Out (5)
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The time constants ¢z, z,, and 7, are
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Fig. 1. Cross-flow tube heat exchanger with one row of tubes

The effective weighted heat transfer coefficient 4, is given
by

A

out out

h, =ha{ﬂ+inf( h, )} @)

where: a, b - minimum and maximum inner radius of the
oval tube; A, - finsurface area; 4, -area of the tube outer

of
surface between fins; A, A,- outside and inside cross-

area of the oval tube; A4, =N2F L

tTin Tt

section
A, =NP L -inside and outside surface area of the

out 't
bare tube; c, - specific heat at constant pressure; ¢,,c, -
specific heat of the tube and fin material; 4, and h, -
water and air side heat transfer coefficients, respectively;
h, -effective weighted heat transfer coefficient from the
air side related to outer surface area of the bare tube; L, -

tube length in the heat exchanger;m, ,m and

o
m, - mass of the water, fins, and tube walls in the heat
exchanger, 1, - mass flow rate of liquid flowing inside
the tubes; 1, - air mass flow rate; N, - number of fins
on the tube length; N,- number of tubes in the heat

exchanger; NTU, and NTU, - number of heat transfer
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units for water and air, respectively; p, - pitch of tubes in
plane perpendicular to flow (height of fin); p, - pitch of
tubes in direction of flow (fin width); s - fin pitch; ¢ -
time; T, T,, and T, - water, tube wall and air

temperature; 7, - mean air temperature on the thickness

of one tube row; P, and P, - inner and outer tube

out

perimeter of the bare tube, 7, - fin efficiency; x™ = x/ L,
, ¥ =yl p, - dimensionless Cartesian coordinates; &,

and o, - fin and tube thickness, respectively; p - density;

r,, 7,,and 7, - time constant of water, tube, and fin,

respectively.

The initial temperature distribution of the water Ty (x*),
air Tao (x*,y%), and the tube walls 7o (x*) are known from
measurements or the steady-state calculations of the
PFTHE. The initial conditions are

w1

T (2" )]0 =T (") ®)
76 1) ] o =70 (x") ©)
T (2"t o = Lo (37 (10)

The equation system (1)-(3) is subject to the following
boundary conditions

Tw(x*,t)‘x*:0 =T/ (t) (11)

T ()| =T () (12)
where 7 (¢) and 7;(¢) are functions representing the

variations of the inlet temperatures of water and air in
time. The initial-boundary problem formulated by Eqs
(1-12) applies to the heat exchangers made of smooth
tubes as well as to PFTHEs. The transient water, air, and
wall temperature distributions in the one-row heat
exchanger (Fig. 1) are then determined using the explicit
finite difference method.

3 Finite difference method of the
PFTHE

The temperature distribution 7, (x".¢), 7,(x".¢) and

a

T,(x",y",t) were determined by the explicit finite

difference method. The time derivatives in Eqgs (1)-(2)
were approximated by forward differences, while the
spatial derivatives were approximated by backward
differences. Figure 2 shows a single difference cell.

The nodes where the water temperature is calculated are
at the beginning and end of the cell, and the nodes where
the air and tube wall temperatures are calculated at the
middle of the cell® length. The finite-difference grid is
defined as follows

xi:(i_l)Ax ’ i=11...,N+1, tn:nAt ,
Eg. (3) was solved analytically, assuming that the tube

wall temperature is constant within a single cell and
equals
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Fig. 2. A single cell (finite volume) in a finite difference grid

The solution of Eq.(3) for the boundary condition
T

a,i

T, = T_;,i _(Tz,i _T:l',i)exp{_ Yo A4 erJ =

Soo= T, (Fig. 2) has the following form

Am, c b

: (15)
T,-(T, -1, )exp(-NTU, y*),

x <x"<x',, i=1.,N, 0<y"<1

i i+l

4 .
where: A4, =L"1=PO“, Axand Am, _m 1 .
N, N N, N

t t
Substituting y* =1 into Eq. (15) yields the air
temperature 7", after the tube row
T:;,,'i = ]_-;,i _<]_-;,i _T;z',i)exp(_NTUa) )

X <x"<x',,i=1,..,N (16)
The integral mean temperature of the air over the
thickness Ay" =1 of one tube row can be determined

using the definition (4)
1

T, = J.T;I ()ﬁ:l‘)a,)’+ =T, -
0

1
NTU,

(17)

(7, ~12,) [exp(-NTU, )1

Solving of finite difference equations for 7% and 7"
gives
At T;:l,z#l - T

n+l n w,i

witl — Twivt T NTU" ©" Axt

T" +T"
ﬂ[—l—rj i=L..N, n=01. (8)
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w
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The average air temperature over the thickness of one tube
row occurring in equation (19) is given by the following
expression

f:,i:f:i_%[fxi_(jzi)an
NTU, (20)
[exp(-NTUZ)-1), i=1..N, n=01..

The air temperature behind the tube row can be calculated
using Eq. (16)

(7:;’,[ )n+l _ (T_ZL )n+1 _[(1—1[ )n+l _(T;,,’[)'Hli|
xexp(-NTU™), i=1..,N, n=01,..

The initial conditions (8—10) and the boundary conditions
(11- 12) assume the form:
- initial conditions

(21)

Ty, =TH,.(XI-*)|,:0 n=0, i=1.,N+1 (22)
T =T,(x,-+)|t:0 ., n=0, i=1..,N (23)
T, =Ta(x,~+,y+)|,:0 , n=0, i=1.,N (24)
- boundary conditions

Ty, =T.(t,) i=0, n=0.1,. (25)

T (% =0)=T/(x"2,) i=L...N,n=01.. (26)

a

To assure the calculation stability by the explicit finite
difference method, the Courant condition must be fulfilled
[19]

At
el 27
N} T Ax
The water temperature 7,73, , the tube wall temperature

7t and the air temperature 7" at the new time step

(n+1) were calculated using the expressions (18)-(19) and
(21) taking into account the initial conditions (22)-(24)
and boundary conditions (25)-(26), and starting at n=0.
The At time step resulting from Courant®condition (27)

is very small (in the range of several hundredths of a
second). In the case of the car radiator analyzed in this
paper, the time step Az was 0.02 seconds. The time step

of data acquisition (sampling step) is usually much longer,
e.g., 1 second. The measured water and air temperatures
at the inlet to the heat exchanger were interpolated with
natural cubic splines to calculate the temperature of the
water 7 () and the air temperature 77 () at the inlet to

the heat exchanger at a given time step ¢, .

4 Two-pass model of the PFTHE with two
tube rows

The finite difference model of the car radiator, which
is a two-pass, two-row PFTHE, was developed. The
mathematical model of the car cooler used in internal
combustion engines with a cylinder capacity of 1600 cm?®
was based on the single-row heat exchanger model
presented in subsection 2. The flow arrangement of the
analyzed car cooler is shown in Fig. 3. The heat exchanger
is made of oval aluminum tubes with a minimum and
maximum  external  diameter  of  respectively

d,=b+6,=635 mm and d =b+9 =11.82 mm.
The wall thickness &, of the tube is 0.4 mm and the fin
thickness &, is 0.08 mm. The thermal conductivity of
aluminum is 207 W/(m-K) at 40 °C. The transverse pitch
of tube spacing is p, =18.5mm, and longitudinal pitch is
P, =17 mm. Plain continuous fins are mounted on tubes
with pitch s =1 mm. The active length of tubes in the car
radiator is L, =520 mm. There are 38 tubes in the first

and second pass. In the first pass there are 20 tubes, 10 in
each row and the second pass there are 18 tubes, 9 in each
row.

4.1 Air-side heat transfer correlation

The CFD based heat transfer correlations proposed in
the paper [12] for the first and second row of tubes and
the double row heat exchanger were used to calculate the
Nusselt numbers on the air side. The following Nusselt
numbers derived in [12] using the results of CFD
simulation were adopted for the calculation of the air side
heat transfer coefficients in the mathematical model of the
car radiator

Nu’ =10.0205Re*** Pr® 150 < Re, <330 (28)
Nu” =0.1648Re%*"™ Pr?, 150 <Re, <330 (29)
Nu, =1.0843Re%*® Pr®, 150<Re, <330 (30)

The classic formula modified by Kays and London [1]
was used to calculate the hydraulic diameter d,, on the
air side. The air side Reynolds number was calculated
using the relationship Re, =w, . d, /v, , where the

max ““a

symbol w,,, denotes the air velocity in the minimum

free flow area. The maximum air velocity w, .. which, in

the case of an inline tube arrangement, occurs between

two adjacent tubes in a given tube row is given by
W = Ny 2 T‘: +273 W, (31)
(S _5f ) (pl _do,min ) ]:tm +213

where w, is the air velocity in front of the PFTHE.
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Fig. 3. Flow system of the analyzed two-pass PFTHE (car
cooler) with two rows of tubes; 1 - first row
of tubes in the first pass, 2 - second row of tubes in the
first pass, 3 - first row of tubes in the second pass,4 -
second row of tubes in the second pass

All physical properties of the air in the relationships (28)
- (30) were evaluated at the average air temperature

T, =(T., +T.)/2, where the symbols 7 and T

a am am am

mean the average air temperatures before and after the
radiator.

4.2 Water-side heat transfer correlation

During transient heat exchanger operation, the flow
regime can be laminar, transient, or turbulent.The mean
Nusselt number Nu,,, for the laminar flow which is
hydraulically and thermally developing in a tube with the
constant wall heat flux was calculated using the formula
recommended by Gnielinski in VDI Heat Atlas [17]

3
Nu, , = [Nufﬂ'qvl +0.6° +(Num’%2 —0.6) "

Nu;qu]m, Re, <2300
The Nusselt numbers Nu Nu

(32)

and Nu,, . are

mq,l ! m,q,2 !

as follows

48

N, =7, =4364 , Re, <2300 (33)

magl =

m,q,2

1/3
Nu =3“31"(2/3)(Rew Pr, ‘Z—“j =

t

(34)

1/3
1.9530(Rew Pr, L] ,Re, <2300

t

172
Nu, ., =0.924Pr‘1‘,’3(Rew ‘]{—”] , Re, <2300 (35)

v

The Nusselt number in the transition and turbulent flow
was calculated using the Taler relationship [13]

%(Rew— 2300)Pr-™*

w

Nu, = Num,q Re, 2300 T z x
1.084+12.4, > (Pr2°-1)
8
d 2/3 d
[1+ {ij ] 2300 <Re, <10° 0.1<Pr, <1000, ?W <1
(36)

The Darcy-Weisbach friction factor in the turbulent flow
range, when 3000 <Re, was calculated using the Taler
formula [14]

g = (1.2776Iog Re ,—0.406 3000<Re, (37)

The friction factor for the transition flow was determined
using the relationship of Taler proposed in [15-16]

&, =0.02783+2.2457-10° (Re,,— 2 300)
2300 <Re,, <3000 (38)

The formula (38) represents a linear interpolation of the
friction factor between Re, =2300 and Re, =3000.

The Reynolds number on water side Re, =w, d /v, is

)—2.246

based on the hydraulic diameterd, . The hydraulic

diameter was d,,=7.06 mm. The water physical
properties were determined at the average temperature

T, =(T.+T!)/2. The relationship (36) was validated

w

experimentally for PFTHE made of oval tubes [18] and
for PFTHE made of round tubes [19].

5 Comparison of simulation results with

experimental data
Transient behavior of the car radiator after a rapid rise in
water volume flow rate 7, and at a sudden drop in air

velocity w, at the inlet to the heat exchanger (Fig.3) was

studied experimentally. The description of the test facility
is presented in detail in the paper [20]. At first, the
simulation of the transient response of the PFTHE was
conducted for different heat transfer coefficients on each
tube row. The heat transfer coefficients on the air side of
the first and second row of tubes were calculated using
CFD based correlations (28) and (29). Then, the
numerical simulation of the car heat radiator was also
carried out for a uniform heat transfer coefficient on the
first and second row of tubes. In this case, the value of the
heat transfer coefficient on both rows of tubes was
calculated by applying the CFD correlation (30). The
numerical simulation of the PFTHE was conducted with
atimestep Ar =0.02s. The temperature of the air 7/, and

water T at the inlet to the exchanger was constant. The

calculation results shown in Fig. 4 were obtained for a
uniform heat transfer coefficient in the entire heat
exchanger, which was calculated from the CFD based
formula (30). Calculated water and air outlet temperatures
of PFTHE was compared with the results of the
measurements. The conformity of the calculation and
measurement results is very good. The following formulas
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were used to calculate heat flow rates in individual tube
rows

O jurc = (M, 12)e, (T, ~T),) j=12 (39)
Oz = (m, 12)T, (T, -T),) j=12 (40)
O jure =(m, 12)2,(T,, ~T5) j=12 (42)
Qs jurc =(m, 12)e, (T, ~T),) j=12 (42)

The total heat transfer rate from the air to the water was
calculated using the expression

Qr, JHTC = m,c, (Té - T;;' ) = Ql, jure +

. (43)
Qz, jurc T Qs, jure T QA, e J = 12

24 | 60 ! ‘ ! ‘
N “W 2400

@—8—® Measured water flow rate

O—©—9© Measured air inlet temperature
¥—¥—F Measured air outlet temperature — 2000
A A A Measured water inlet temperature

40

A—&—A Measured water outlet temperature
[—H—F1 Measured air velocity

Calculated water outlet temperature 1600
for CFD based air-side correlation

Calculated air outlet temperature for ES
CFD based air-side correlation

T 00065664606 460000500060-85 006 55600000 TOLOI O 800-00

08— 0 . I I 800
0 40 ts 80 120
Fig. 4. Transient response of the heat exchanger to a sudden

increase in water volume flow rate ¥, and a

decrease in air velocity w, at the inlet to the heat
exchanger
The symbols Q..,, i=1,...,4 denote the heat flow

rate exchanged in the individual rows (Fig. 3) on the
assumption that the heat transfer coefficient calculated
using formula (30) is uniform throughout the heat

exchanger. The symbols Q,,,,. i=1,...,4 denote the

heat flow rate transferred in the individual rows, with the
heat transfer coefficient in the first row of tubes calculated
using the correlation (28) and in the second row using the
correlation (29).

If the heat transfer coefficient on the air side is uniformin
the whole heat exchanger then in Eqgs (39)-(43) j =1, and
if the heat transfer coefficients on the first and second row
of tubes are different then j =2 . The relative differences
between the heat flow rate with different heat transfer
coefficients on the first and second row of tubes and the
heat flow rate with uniform heat transfer coefficient in the
whole heat exchanger were also calculated

o = Qe =Qume 100 1 4 (44)

i
i,2HTC
The relative e, difference for the whole heat exchanger
was calculated with a similar formula

o = Qiame = Qe 49 (45)

' Qx,ZHTC
The obtained results show that the first row of tubes in the
first and second pass takes up much more heat than the
second row if different heat transfer coefficients in the
first and second row of tubes are taken into account.
Relative ¢, and e, differences in the heat flow rates

exchanged in the first row of the first pass and the first
row of the second pass are between 7 and 18 %,
respectively. Second-row tubes are much less efficient if
different heat transfer coefficients are taken into account
on both rows of heat exchanger tubes. The tubes in the
second row take up between 12.5% and 50.9% less heat
compared to the heat flow rates exchanged in the second
row, assuming a uniform heat transfer coefficient.
Relative differences e, and ¢, are between (-50.9%) and

(-12.5%). The results of numerical simulations show that
if the calculation assumes a uniform heat transfer
coefficient on the air side for the whole heat exchanger,
then an understated value of the heat flow exchanged in
the first row, and an overstated value of the heat flow
exchanged in the second row is obtained.

The total heat transfer rate O, in the analyzed heat

exchanger is similar for a uniform heat transfer rate on the
air side, as well as for different heat transfer rates on the
first and second row of tubes. This is clear when taking
into account the method of determining the uniform heat
transfer coefficient for both tube rows. The heat transfer
coefficient is selected from the condition of equal increase
of air temperature obtained from the CFD simulation and
numerical model of the heat exchanger. Heat transfer
coefficients on the first and second row of tubes are
determined from the condition of equality of air
temperature increase on the first and second row of tubes,
respectively, determined by CFD simulation and
numerical model. Since the sum of air temperature
increments on the first and second row of tubes is equal to
the total temperature difference on both rows of tubes,
therefore the heat flow rates Q, and Q, must be

similar. Relative differences between Q,,,,. and O .,

are between (-0.3%) and 1.7%. These small differences
result from the procedure for determining correlations
(28)-(30) [12], which assumes that the water temperature
in the tubes and the heat transfer coefficient on the internal
surface of the tube are constant [12]. Under real
conditions, the water temperature changes along the
length of the tube. Also, the heat transfer coefficient on
the water side is lower in the first pass than in the second
pass. It should be stressed, however, that slightly different
conditions of operation of tubes in the real heat exchanger
than those adopted in the method of determining the
correlations (28)-(30) [12] only slightly affect the value of
the heat flow rate O, exchanged in the heat exchanger.

The numerical simulations of the car radiator in
steady-state were also carried out for a uniform and non-
uniform heat transfer coefficient on the first and second
row of tubes. First, calculations were carried out for the
analyzed automotive radiator with one CFD correlation
given by the formula (30) for the entire radiator. Results

J2HTC AHTC
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of these calculations were compared with the results of
experimental tests (Fig. 5).Then, the calculations were
carried out for different heat transfer coefficients on the
first and second row of tubes. The calculations are
intended to confirm the usefulness of CFD correlations for
the possible replacement of heat transfer correlations
determined based on expensive experimental studies. The
comparison of the heat flow rate in the PFTHE
determined based of the measured water mass flow rate
v atthe inlet of the PFTHE and water temperature at the

inlet and outlet of the PFTHE with the results of heat flow
rate calculations using the PFTHE mathematical model is

shown in Fig. 5. The heat flow rates O, .., and O, ..

are given by
Qw,exp = V.w Py (Tn,’,exp )Ew (Tnc,exp - Tv:’,,exp) (46)
Qw,ca/c = Vn P (]-x-,exp )Ew (Tw’r,exp - Tv:",ca/c ) (47)

The symbol ¢, denotes the mean specific heat of the

water in the range between the outlet and inlet water
temperature. The relative difference e between the heat

flow rate O, ., determined experimentally, and the heat

flowrate O, . calculated using the mathematical model

cale

of the PFTHE was calculated using the formula
€= lOO(Qw,exp - Qw,cal(' ) / Qw,exp .

Fig. 5 also shows a heat flow rate, marked with a solid
line, which was calculated for average volumetric flow

rate 7/, =326.06 I/h, air inlet temperature 7" =13.62°C,
and water inlet temperature 7! =59.61°C . The average

values V,, T' and T' were calculated based on seven

data sets. The flow of water in the tubes was laminar. The
Reynolds number Re, , in the lower pass varied from

1324 to 1445.
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Fig. 5. Heat flow rate transferred from the hot water to  the cold
air and percentage relative difference

e= lOO(Qw,exp - Qw,calc) / Qw,exp in %.

Fig. 5 illustrates that the developed numerical model of
the heat exchanger using CFD heat transfer correlation to
calculate the air-side heat transfer coefficient gives results
very close to the experimental data. The largest relative
difference e between the heat flow rate determined based
on the measurement data and the calculated heat flow rate

is 5.14%. Heat flow rates transferred from water to air in
the first and second row of tubes in the first and second
row of tubes are shown in Figure 6a. The calculations
were carried out for a uniform heat transfer coefficient on
the first and second row of tubes and different coefficients
on each row of tubes. An inspection of the results in
Figure 6a indicates that much higher heat flow rate is
exchanged in the first row of tubes compared to the
second row if the heat transfer coefficients on the first and
second tube row are different. This applies to both the first
and second heat exchanger passes. The heat flow
exchanged in the first row of tubes is about 10% higher
than in the second row for low air velocities in front of the
radiator in the range of 0.7 m/s when air side Reynolds
Re, number is about 110.

7500
7000
6500
6000 g
s
5500

— 5000

400 T T T T T T 4500
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100 150 200 250 300 350

Fig. 6. The heat flow rates exchanged in the first and second
row of tubes in the first and second pass for uniform and
different heat transfer coefficient on the first and second
row of tubes and the relative differences between heat
flow rates for different and uniform heat transfer
coefficient.

The relative difference between the heat flow absorbed by
the air in the first and second row of tubes decreases with
increasing air velocity. At an air velocity w, of about

225 m/s, ie., for Re, of around 350, the relative
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differences e, and e, decrease to approximately 3.8%

(Fig. 6b). This means that the effect of taking into account
different heat transfer coefficients on the individual rows
on the transferred heat flow rate decreases as the air
velocity increases.

A similar phenomenon of decreasing the relative
difference between the exchanged heat flow rate for
different and uniform heat transfer coefficients on each
tube row is observed for the second tube row. The
absolute value of the relative differences e, and e,

decreases from approximately 22.5% for Re, =110 to
approximately 6% for Re, =350.

6 Conclusions

The numerical method of PFTHE modeling under
transient conditions is presented. It uses heat transfer
correlations for heat transfer coefficients on the air side
obtained by CFD simulation. The heat exchanger
calculations were carried out for a uniform heat transfer
coefficient in the whole heat exchanger or different heat
transfer coefficients on the first and second row of tubes.
In both cases, a very good agreement was achieved
between the heat flow rate transferred from hot water to
air in the heat exchanger. The results of the calculation of
the heat transfer rate in the heat exchanger match the
results of the experimental tests very well. The advantage
of calculating the heat exchanger with different
correlations for the air side Nusselt number on the
individual tube rows is that it is possible to determine the
heat flow rate from water to air in each tube row.
This information can be used in the design of a heat
exchanger because, for example, a more efficient single-
row heat exchanger can be built instead of a double-row
heat exchanger by increasing the area of the heat exchange
surface in the first row.
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